In this paper a working principle based upon the novel expansion and distributor device EcoFlow TM is analyzed. The device enables compensation of flow maldistribution by control of individual channel superheat. The working principle is discontinuous liquid injection (pulsating flow) into each individual channels during a specified cycle time. Moreover, the influence of the injection cycle time is investigated together with an optional secondary flow into the other channels with regards to cooling capacity, overall UA-value and COP.
Introduction
Flow maldistribution in fin-and-tube evaporators has been shown by many investigators to reduce the performance of air-conditioning systems in terms of cooling capacity and COP. Furthermore, compensation of flow maldistribution by control of individual channel superheat has been shown to recover the penalties of flow maldistribution significantly [1, 2, 3] . Perfect control of individual channel superheats means that a thermostatic or electronic expansion valve is located on each evaporator channel and thus controls each superheat to be the same. It is not beneficial for economic reasons to install an expansion valve for each channel. Therefore, the discontinuous liquid injection principle is studied in this paper as a promising method for compensation by control of individual channel superheat. On the other hand, the tube circuitry of fin-and-tube evaporators may be optimized to compensate flow maldistribution by design [4] such that equal channel superheats occur, however, it does not ensure equal channel superheats at part-load or offdesign conditions. The focus of the current study is to gain more understanding and insight in the discontinuous liquid injection into each evaporator channels and its implications for evaporator design and system performance in terms of overall UA-value, cooling capacity and COP. We will investigate implications for two standard tube circuitries namely the face split and the interlaced evaporator, see figure 1 . Especially, we strive to optimize the discontinuous liquid injection principle by studying the effects of different specifications (cycle time and optional secondary flow) and provide guidelines for optimal energy efficiency. For simplicity we do not consider actual flow maldistribution when evaluating the effect of cycle time and optional secondary flow. The injection principle is essentially two-phase flow pulsations and the study may show the potential of increasing capacity and COP by employing pulsations to the flow.
The modeling of the liquid injection dynamics showed spurious fluctuations in pressure, which have not been observed as high in any similar experiments carried out at Danfoss. The current analysis should therefore be seen as a first study of the injection dynamics with the current model approach and limitations. When simulating the injection dynamics, we must keep in mind that the correlations for heat transfer, friction and void may become invalid at large transients in mass flow, since they are developed from steady state experiments. Furthermore, the discontinuous refrigerant injection is essentially pulsating twophase flow, and the significance of the liquid/vapor interfacial dynamics may become important such as interfacial friction and drag and/or thermodynamic nonequilibrium effects. These phenomenons are not included in the typical mixture two-phase flow model used in many Modelica libraries, and also used in the current study (developed in Kaern [3] ).
Liquid injection principle
The liquid injection principle is based on the recently developed Danfoss product (EcoFlow TM [5] ). Actually, the EcoFlow valve does not measure the individual channel superheats but only the overall superheat. Furthermore, it does not provide continuous refrigerant flow in each channel, but rather discontinuous individual channel injection (modulation of each channel flow) with optional secondary flow to the other channels. The optimal distribution of mass flow rate (at flow maldistribution) is then found from a distribution analysis performed at specific time intervals during operation, see Mader and Thybo [6] . The distribution analysis is essentially carried out by control algorithms, where the importance of each individual channel on the overall superheat is measured in order to find the optimal distribution. The individual channel superheats become the same at the optimal mass flow distribution.
The individual injection is performed by a stepper motor (48 steps per revolution), which rotates the distributor disc, see in two different designs, i.e. a multi-orifice (MO) design (main orifice + secondary orifices) and a singleorifice (SO) design (main orifice only), see figure 2b and 2c. The orifice size of the SO design is larger, since more refrigerant needs to pass through the main orifice. The SO design enables the possibility of individual channel defrost during cooling operation (no defrost periods) for the face split evaporator only, see figure 1b. As we shall see later, the results show that the performance in steady state without considering frost build-up becomes a bit smaller when using the SO concept. Furthermore, all orifices of both designs are closed in between each channel injection.
Objectives and content
The first objective is to evaluate the effect of the cycle time for the MO and SO design concepts, i.e. the time it takes for one revolution. The second objective is to evaluate the size of the secondary orifices in the MO design compared to the main orifice. The questions that are sought to be answered are:
• What is the minimum cycle time for discontinuous liquid injection? Too large cycle times will cause too much dry-out of the channels.
• Does capacity decrease or increase by the discontinuous liquid injection (pulsating flow)? • How much refrigerant should pass through the main and secondary orifices in the MO design?
Note that the results is focused on the steady state performance in terms of overall UA-value, cooling capacity and COP, where the dynamics of the refrigerant injection is modeled.
The paper starts by a brief description of the liquid injection modeling and use of experimental results for evaluating orifice flow coefficients for the actual MO and SO designs. Then the pressure fluctuations caused by the liquid injection modeling is considered and compared to experiments using an earlier MO design and performed on the interlaced tube circuitry. Finally, the effect of the cycle time and flow ratio between main and secondary orifices of the MO concept are investigated.
Modeling approach
This section describes the model that was implemented in the Modelica language of the discontinuous liquid injection principle. Furthermore, the system model is described with focus on the evaporator.
Injection modeling
This section describes the experimental data reduction that was performed of actual EcoFlow capacity tests, in order to obtain the orifice flow coefficients for both MO and SO designs (see figure 2) . The goal of the data reduction is to compute the mass flow through the main orifice and secondary orifices at different pressure levels and opening degrees (when the expansion valve is open only). The capacity tests provide continuous capacity (evaporation of refrigerant) or mass 
where A is the flow area of the orifice, ρ f is the saturated liquid density, p in and p out are the pressure at inlet and outlet of the valve. The use of equation 1 is the standard method of developing empirical equations to predict mass flow rate through orifices [7] even in refrigerant expansion devices [8, 9] . Two-phase flow effects such as partial vaporization (flashing) are included in the flow coefficient. Furthermore, the capacity tests of the orifice discs were only carried out at standard conditions. It means that K will not be dependent on the pressure levels, and is thus assumed to be constant at different pressure levels. The standard conditions for these capacity tests are: Evaporation at 5 • C, condensation at 32 • C, 4 K subcooling and no superheat. The relation between the experimental mass flow rate and valve capacity is thusQ
The stepper motor has 48 steps per revolution equaling 7.5 degree rotation per step. The step time is 10 ms per step, i.e. a minimum of 480 ms per revolution (minimum cycle time). Due to the opening and closing of the valve, the liquid refrigerant before the valve will create a fluid hammer (also called a hydraulic shock). The moving liquid is suddenly forced to stop, and the pressure builds up before the valve and a pressure wave will propagate upstream. In order to eliminate the peak forces acting on the valve, the speed of the stepper motor is dampened as the valve opens and closes.
To find the actual mass flow through the valve when open we need to know the opening time of the valve (injection time). The actual injection time is a function of cycle time, opening degree, damping time and step time of the stepper motor. A detailed description is given in Kaern [3] , however, it is simply a matter of 
and used in equation 1 to compute the flow coefficient K for the total flow through main and secondary orifices. The flow coefficient is thus for actual design and number of discharge channels (EcoFlow is made with up to 8 discharge channels), and is a function of opening degree, cycle time, step time and damping time.
In this paper we only consider four channel evaporators, i.e. two coils with two channels each. Therefore, the flow coefficients were only computed on the four channel orifice discs with MO and SO designs. The standard EcoFlow time settings are a step time of 10 ms and a damping time of 120 ms for both opening and closing. Using the capacity tests, we computed the flow coefficients for the total flow as function of opening degree for cycle times 6, 10 and 20 seconds for both MO and SO designs. For the SO design the total flow comes through the main orifice, however, for the MO design we need additional information on how much flow that goes into the main and secondary orifices, respectively.
Fortunately, a capacity test was also performed at steady state conditions, i.e. no rotation of the distributor disc and fully open continuous flow. The test was done at all orifices open, but also at main orifice closed, which gives us the flow ratio parameter be-tween the main orifice flow and total flow in steady state as
The ratio is assumed to be independent of the cycle time and damping time, and thus directly used to distribute the total mass flow to the main and the sec- We assume that the accelerational effects of the fluid at opening and closing may cause the differences in the flow coefficients and mass flows, which tends to differ more at low opening degree, where the accelerational effects should play a larger role compared to the actual mass transferred through the valve. As expected, the mass flow curves are below the steady state mass flow and becomes closer at high opening degree, where the opening and closing have smaller influence. Unfortunately, there were no measurements between 10% and 60% opening degree.
The expansion process may experience choking of the flow, i.e. the mass flow may not increase by decreasing the downstream pressure and is only a function of upstream conditions. Using the above modeling approach does not include the choking phenomenon and the mass flow is essentially a function of pressure difference and flow coefficient. It is thus assumed that choking of the flow is not existing.
Implementation
The implementation of the liquid injection model in Modelica is done by using the ÓÑ Ì Ð ½ model from the Standard Modelica Library, i.e. onedimensional linear table interpolation of the flow coefficients. The mass flow rates through the main orifice and secondary orifices (MO) are then computed using equation 1 and 4. Now it is just a matter of computing the individual channel opening and closing time during each cycle. A distribution vector is defined as
which determines the time period associated with each channel t tube,i as
where i denotes the channel number and N the total number of channels. The injection time for each channel is computed by
The first term in the parenthesis is the controllable time per channel (minimum cycle time subtracted) times opening degree. The second term counts for the additional mass flow that would occur even though the opening degree is zero. The dampening time occurs from approximately 70% to 100% opening area of the orifice (as the disc turn). For simplicity, the additional mass flow is assumed to be the mass flow when fully open times the damping time.
The opening of each channel is assumed to occur at t tube,i /2 − t inj,i /2. The closing is then at t tube,i /2 + t inj,i /2. The changes in mass flow rate are made smooth by use of the first order continuous functions as described in [3, 10] for numerical reasons. The transition time was chosen to be 0.1 seconds. Figure 4 shows some examples of the MO liquid injection model at a cycle time of 10 seconds. It illustrates the working principle of the liquid injection 
Model setup
The numerical model is described in Kaern et al. [11] for a co-axial evaporator and has been updated as described in Kaern [3] to model the full system (condenser and compressor also) and the tube circuitries of the interlaced and face split evaporators, see figure 1. The model is implemented in the Modelica language and Dymola 7.4 [12] is used as simulator. The Modelica language facilitates object-oriented programming, which is important for model reuse and extension. Dymola has been well tested within the field of air-conditioning and refrigeration [13, 10] . Thermophysical properties for R410A are obtained from the Refeqns package [14] . In order to model the refrigerant distribution and circuitry in the evaporator a dynamic distributed one-dimensional mixture finite volume model was chosen. For the condenser, the simpler moving boundary model of Zhang and Zhang [15] was chosen, which averages the vapor, two-phase and liquid regions. The models of the expansion and compressor are quasi-static. Momentum transfer and frictional pressure drop are only addressed in the evaporator tubes, U-bends and feeder tubes, in order to predict the mass flow distribution in the evaporator. Furthermore, the void fraction model by Zivi (1964) is used to model the refrigerant charge of both condenser and evaporator.
Since the evaporator pressure showed spurious fluctuations when simulating the injection principle, we included the refrigerant flow equations and implementation for the evaporator model in the appendix such that these may be studied by the reader. Furthermore, we did not use the Modelica stream prefix. Since the compressor runs at constant speed, we did not observe flow reversal during the flow pulsations. Table 1 shows the main geometry of the test case evaporator and condenser. The tube inner walls are smooth. Furthermore, the feeder tubes to the evaporator have an internal diameter of 3 mm and a length of 300 mm. The manifold inner and outer diameter is 16 mm and 19 mm, respectively, and its length is 5 m from the evaporator to the compressor. Note that the coil geometry is the same for both the interlaced and face split evaporator, however, the tube connections or circuiting are different as shown on figure 1 . Furthermore, the simulation of the injection is very CPU demanding and for this reason we chose to use only one cell per tube for the evaporator. In terms of convergence in total cooling capacity of the evaporator, this choice is within 2% of the total cooling capacity at 5 cells per tube [3] . In the condenser, refrigerant enters four channels and is mixed before entering a fifth channel. Since the circuitry is not addressed in the condenser, it is assumed to be four straight tubes.
Geometry and correlations
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Each discrete cell of the evaporator is calculated as a separate heat exchanger with uniform transport properties. Mass, momentum and energy conservation equations are applied to the refrigerant in each cell, where thermodynamic equilibrium is assumed. Furthermore, changes in kinetic and potential energies are neglected. It is assumed that the tube walls have rotational symmetry (no azimuthal heat conduction) and negligible axial heat conduction. Mass and energy conservation equations are applied to the air, which is assumed to be dry. Similar assumptions are used in the condenser model of the refrigerant and airflow, however the heat resistance and the dynamics in the condenser wall are neglected. The used correlations for both the evaporator and the condenser are given in table 2. Furthermore, effectiveness-NTU relations are employed.
The expansion process is modeled as an isenthalpic process and the opening degree from equation 7 essentially controls the superheat out of the evaporator. The manifold is modeled by mixing of the refrigerant streams, i.e. mass and energy conservation equations are applied. The dynamics of the manifold wall is included and heat transfer is modeled using a constant heat transfer coefficient of 700 Wm −2 K −1 . The geometric volume flow of the compressor is 6.239 m 3 h −1 , and polynomials from the rating of the compressor are used to compute the isentropic and volumetric efficiencies.
Boundary conditions
The liquid injection model controls the overall superheat to 5 K by the opening degree using a PI-controller. During start-up of the simulation, the charge of the system is determined so that the subcooling becomes 2 K. The indoor and outdoor air temperatures are 26.7 • C and 35 • C, respectively. The mean frontal air velocities are 1.16 and 0.68 m s −1 to the evaporator and condenser, respectively.
Experimental comparison
In this section we compare the injection modeling with experiments carried out at Danfoss Nordborg. The dynamic behavior observed in the simulations showed fluctuations in important variables such as superheat and evaporating pressure. In Kaern [3] a sensitivity analysis of the fluctuations were performed in order to better understand the causes of the fluctuations, however, sensible variables such as void fraction and manifold+suction volume did not eliminate the fluctuations satisfactorily.
The fluctuations in the model have a time period corresponding to the cycle time of the liquid injection model divided by the number of channels in the evaporator (for even flow mode, see figure 4a ). These fluctuations have not been observed as high in any experiments carried out at Danfoss, where the sampling frequency has been high enough to capture these fluctuations. The sampling frequency is often chosen to be 1 s −1 for refrigerant temperature and pressure measurements at Danfoss, which is too low for capturing the injection dynamics seen in the numerical model.
The experiments
The EcoFlow experiments were performed on a bit different system and conditions than described in previous section. The system comprised a 10.5 kW interlaced evaporator, a hermetic scroll compressor, microchannel condenser and an early MO disc version. The early design of the MO disc is estimated to have a flow ratio parameter F o (equation 4) of 0.8, which reflects the earlier version cross-sectional areas of the main and secondary orifices. Furthermore, the flow coefficients, the step time and damping time are assumed to be the same as the final MO disc design. The cycle time was six seconds in the experiments and the flow distribution mode was even flow, see figure 4a . These experiments are the most recent experiments carried out at Danfoss in Nordborg on a fin-andtube four channel evaporator using the EcoFlow valve. Later experiments including compensation were performed with the final EcoFlow version, however, on larger capacity units with six or eight channels each, which complicates the simulations drastically. For these reasons, the earlier EcoFlow MO experiments were chosen for the comparison. More information about the experimental data is given in Kaern [3] . The experimental data is reduced in order to be used as input to the evaporator model only, thus we only simulate the 10.5 kW evaporator and manifold+suction volume in this comparison. Table 3 lists the model inputs. Figure 5a and 5b show the experimental superheat and pressure fluctuations during three cycles. The corresponding model results are shown in figure 5c and 5d. Note that the thick curve around 5 K is overall superheat. Furthermore, the experiments show a bit higher individual superheats. This is because that they were measured on the tube wall surface with insulation around the tube, and may have heat entering from the surroundings.
When comparing to the experimental data, it is seen that the pressure fluctuations are smaller (approximately one third in amplitude of the numerical results). It is difficult to make this conclusion based on these experimental results, since the sample time was only 1 s −1 for the pressure. However, the experiments carried out at Danfoss with higher frequency did not show as high fluctuations as the numerical model does here. The reason for these high fluctuations in the numerical model have not been obtained so far. However, we believe that the interfacial dynamics of the twophase flow and the presence of thermodynamic nonequilibrium may be responsible for the dampening of the pressure fluctuations in the experiments. These are inherently exclusive in the mixture two-phase flow model. In addition, the refrigerant heat transfer, pressure drop and void correlations are developed from steady state experiments and employed at large transients, however, no dynamic two-phase flow correlations (pulsating flow) were found in the literature.
If we compare the individual superheat measurements and the prediction by the numerical model, then the accordance is much more acceptable. Both the measurements and the model predictions show the effect of the liquid injection into each channel, since they fluctuate similarly at a time period corresponding to the cycle time. Furthermore, the superheat decreases as the refrigerant enters through the main orifice into each channel as indicated on figure 5e. The corresponding mass inside each channel is shown on figure 5f, which increases when the refrigerant enters through the main orifice and otherwise decreases.
What is probably most important is the individual channel overall UA-value in figure 5g, which shows a decrease just before new refrigerant is fed to the corresponding channel. There may be an optimization potential here if the cycle time is chosen such that the UA-value decrease is avoided. Figure 5h shows the corresponding individual channel pressure drop by friction and acceleration due to density and mass flux differences. When considering the individual channel pressure drop due to friction and acceleration, one may expect that this is the cause of the pressure fluctuations, however, the sensitivity analysis from [3] proves otherwise. It is interesting to note that the accelerational pressure drop is positive as the refrigerant is fed to each channel. This is because the refrigerant mass flow is higher at the inlet compared to the outlet of the channel, i.e. the difference in momentum flow between inlet and outlet is positive.
Simulation results
Despite the presence of the pressure fluctuations, the numerical model is used to perform simulations of the significance of the cycle time for both the multi-orifice (MO) and single-orifice (SO) designs. Furthermore, the flow ratio parameter F o (equation 4) for the MO design will be investigated, i.e. the flow distribution between the main and secondary orifices of the MO design. Figure 6 (a,b,c) shows the UA-value, cooling capacity and COP using MO and SO designs as function of the cycle time. Note that the orifice flow coefficients for the 3 second cycle time simulations were assumed to be the same as for the 6 second cycle time case. The results show that the MO design performs better than the SO design. Furthermore, the cycle time should be kept as low as possible. If flow pulsations increase heat transfer we would have expected an optimum cycle time, but it seems to be outside the cycle times considered or not shown using the current mixture model and limitations (see discussion). The simulation using the SO design at a cycle time of 20 seconds failed and was not obtainable. It also seems that this case decreases the performance drastically. The question regarding which cycle time is the maximum limit is difficult to answer based on the present results. For these four channel evaporators it seems that the maximum cycle time is 10 and 6 seconds for the MO and SO design, respectively. Otherwise, the channels dry-out too much when the valve is closed.
Cycle time
The face split circuitry shows the best performance in contrast to the interlaced circuitry at uniform flow conditions for each distribution method. This is because the superheated regions of the face split evaporator is in the first tube row and is thus minimized. This also means that the face split evaporator performs better than the interlaced if flow maldistribution is compensated as also shown by Kaern [3] . Figure 6 (d,e,f) shows the UA-value, cooling capacity and COP as function of the flow ratio parameter F o , and at a cycle time of 6 seconds. It shows that the maximum performance is when F o equals 0.25, which means that the main and secondary orifices have the same dimension, thus no possibility to distribute mass individually. Essentially, all the curves on figure 4a coincides, i.e. the flow is distributed evenly to all orifices at each injection.
MO flow ratio
It shows that for uniform flow conditions, the optimal refrigerant mass flow distribution is uniform. However, the decrease in performance as is small and the maximum limit seems to be around 0.6. Otherwise the secondary channels will also dryout too much. Furthermore, the F o = 95% results of the MO design seems to be close to the SO design results presented here at F o = 100%.
Discussion
It is difficult to claim whether the two-phase flow pulsations increase or decrease the heat transfer mechanism. Firstly, the two-phase flow regimes are broken up by the flow pulsations and giving rise to new discontinuous flow patterns, which are not properly reflected in the steady state correlations for refrigerant heat transfer, pressure drop and void fraction. No twophase flow correlations were found in the literature by the authors that were developed for discontinuous liquid injection or pulsating flow. Secondly, the mixture two-phase flow model (also used in many Modelica libraries) showed spurious pressure fluctuations, which have not been observed as high in any experiments carried out at Danfoss. The amplitude of the fluctuations are approximately 3 times higher in the model compared to similar experiments. Thus the readers need to be cautioned that the results and conclusions from the liquid injection modeling are obtained despite the presence of these fluctuations. It is believed that the absence of the two-phase interfacial dynamics in the mixture two-phase flow model is the main cause of the high pressure fluctuations.
It needs to be stressed that it is not the finite volume model approach itself that leads to these fluctuations, but rather the governing phasic equations when added and becoming mixture equations. The model could be a separated flow model that includes the governing phasic equations and possibly the finite volume model could be used to discretize the phasic equations again. It is difficult to claim what may minimize the pressure fluctuations. The only separated flow model known to the authors that is implemented in Modelica is the work of Bauer [16] , who implemented both phasic momentum equations. It resulted in another state variable (the velocity difference between the phases), which essentially is related to the void fraction. It would be interesting to look deeper into such model approaches when considering these fluctuations. Similarly, more dedicated experimental evidence of these fluctuations would be interesting to have.
Conclusion
We conclude that the typical mixture two-phase flow model that is used in many Modelica libraries is insufficient to model the discontinuous liquid injection principle (pulsating flow) into each evaporator channel. This is because the simulations showed spurious fluctuations in evaporating pressure and superheats, which have not been observed as high in any experiments carried out at Danfoss. Furthermore, it should be stressed that the correlations for heat transfer, pressure drop and void fraction employed in mixture twophase flow models do not reflect the dynamic behavior of the pulsating flow, since they are based upon steady state experiments. To draw detailed conclusions, further studies on the discontinuous liquid injection principle should be conducted in order to fully understand and model the phenomenon. Despite the fluctuations, two orifice designs of the discontinuous liquid injection principle were investigated in uniform flow conditions, i.e. the multi-orifice (MO) design and the single-orifice (SO) design. The multi-orifice design allows for a secondary flow into the remaining channels at each channel injection.
The simulations of the discontinuous liquid injection principle showed that the MO design gave better performance compared to the SO design, without considering the possible individual channel defrost possibility of the SO design for the face split circuitry. In addition, the main flow and the individual secondary flows in the MO design should be kept as even as possible while having the required mass flow distribution control band. Based upon the four channel evaporator that were analyzed, it is recommended that the cycle time should be kept below 10 and 6 seconds for the MO and SO designs, respectively. Furthermore, the flow ratio parameter should be around 0.6, or adapted to specific tube circuitry according to the required mass flow distribution control band.
A Refrigerant flow equations and implementation (evaporator model)
This appendix describes the refrigerant flow equations and implementation for the evaporator model only. It is done in order to fully state the equations that lead to the spurious fluctuations in evaporating pressure when simulating the liquid injection principle.
If homogeneous flow is assumed, then S = 1 and the homogeneous void fraction, α H , may be calculated by equation 16 . Furthermore, for homogeneous flow it can be shown thath = h and ρ ′ =ρ = ρ H by using the homogeneous void fraction, where the homogeneous mixture density, ρ H , becomes
The state variables are chosen to beh and p. The derivative of the mixture density with respect to time is computed by use of the chain rule
where the partial derivatives of mixture density with respect to pressure and in situ enthalpy are calculated by numerical finite difference as 
Equations 8, 9 and 10 are discretized according to the Finite Volume Method (FVM), where the number of control volumes must be high enough to resolve the spatial distribution of properties.
The staggered grid structure is adopted as described by Patankar [18] . It means that the mass and energy conservation will be solved on the control volume grid, and the momentum equation will be solved on a staggered grid as depicted on figure 7 , where ψ denotes a thermodynamic quantity andψ its approximation. Similar discretization methodology was used in Bauer [16] .
Figure 7: Staggered grid structure; thick = control volume grid, dashed = staggered grid
The mass and energy conservation equations become
where the enthalpy flowḢ i =ṁ iĥi and heat flowQ i = P∆zq ′′ w,i = P∆zh tc,i (T w,i − T i ) have been used, and Newton's law of cooling is applied with the well known heat transfer coefficient h tc .
For convection dominated flows the upwind difference scheme is recommended to approximate thermodynamic quantities onto the staggered grid, because central difference scheme may lead to non-physical solutions. The 1 st order upwind scheme is obtained by taking the control volume face value (staggered grid center) to be equal to the nearest upstream control volume center, thuŝ
where δ i is the indicator function denoting the direction of the mass flow
The momentum equation becomes
where the momentum flowİ i =ṁ 2 i /(ρ ′ i A) has been used and the difference in momentum flow, ∆İ i , is approximated according to the 2 nd order central difference scheme as
where dİ is the momentum flow difference between the staggered grid cells. The use of the central difference scheme serves to avoid discontinuities in the momentum equation. Boundary models are used to compute the boundary conditionsḢ,İ, dİ,ψ. The change of momentum flow dİ at the inlet or outlet is simply set to zero, whereas the other variables are computed from the thermodynamic state and the mass flow rate.
Correlations for the frictional force, F w , the heat transfer coefficient, h tc , and the void fraction, α, must be supplied to close the system of equations.
A.2 Tube wall
The tube wall is discretized according to the Resistance Capacitance Method [19] . The method essentially uses the thermal resistances to describe the heat flows across the tube wall boundaries. The tube wall is assumed to have rotational symmetry, i.e. T = T (r, z), and thus the energy equation for each discrete cell becomes The boundary condition at the inlet and outlet of the pipe wall is simply no heat flow in the axial direction. Since we only use one cell per tube in this study the axial heat conduction is essentially neglected.
A.3 Airflow
The airflow is assumed to be incompressible and can not accumulate mass or energy. With these assumptions, the mass and energy conservation equation for each air cell becomeṁ in −ṁ out = 0 (30)
The effectiveness-NTU method is applied to describe the variation in air temperature, i.e. the single stream heat exchanger configuration where the surface temperature of each cell is uniform. It describes the actual heat flow by the effectiveness, ε, of the highest possible heat transfer, i.e. Q N = εC min (−∆T max )
where C min is the minimum capacitance flow and ∆T max is the maximum temperature difference. Correlations for the heat transfer coefficient and the fin efficiency must be applied to compute the Number of Transfer Units and thus the effectiveness.
A.4 Smooth functions
A first order continuous function is applied at the phase transitions (0 ≤ x < 0.05 and 0.95 < x ≤ 1). The function ensures a smooth transition from two-phase to single phase in heat transfer and frictional pressure drop correlations. If the transitions are discontinuous, the equation solver might be slow or even fail to converge. The first order continuous function is described in Richter [10] . The used correlations are shown in table 2.
A.5 Heat exchanger architecture
Components of the refrigerant (both control volume grid cell and staggered grid cell), the wall and the air have been made in Dymola, and essentially arrays of these components are put together to form the evaporator in cross flow operation, as shown on figure 9. Following this implementation, we did not use already made components from the Modelica standard library. We chose this to learn every step of the implementation in Modelica and to be able to quickly apply changes to the model formulation and correlations if necessary. Furthermore, we did not use the Modelica stream prefix. Since the compressor runs at constant speed, we did not observe flow reversal during the flow pulsations.
The circuitry modeling is a bit more complex than shown on figure 9, however, its construction is simply a matter of running through many for loops to connect the airflow paths and the refrigerant bends (assumed adiabatic) with correct radius. Note that the refrigerant flow is discretized fully from inlet to outlet through the bends such that the bends also contains a volume grid cell and a staggered grid cell. More information on the circuitry implementation is given in Kaern [3] .
